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ABSTRACT

Development of new engines demands both sophisticated hardware and time to arrive at optimum designs
in view of increasingly stringent emission regulations and fuel economy. The researchers are focusing on
computational studies. The paper deals with the modelling of diesel engine processes considering heat
losses, and variable specific heats using double-Wiebe function for the heat release. High speed diesel
fuel C10.8H18.7 is considered for calculations. Fuel injection timing, engine speed, inlet charge pressure
and exhaust gas recirculation (EGR) are observed to be pertinent parameters affecting diesel engine
performance. Numerical experiments are performed on MS Excel platform and heat release (both pre-
mixed and diffusion phases), in-cylinder pressure and temperature histories are predicted. It was found
that early injection timing leads to higher levels of pressure and temperature in the cylinder. However,
with the increase in EGR levels, lower in-cylinder pressures and temperatures are obtained.
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INTRODUCTION

The fuel conversion efficiency of direct injection diesel engines is superior to gasoline engines. But it’s
particulate and oxides of nitrogen emissions are high. Due to stringent emission norms researchers and
leading manufacturers are aiming for the development of clean diesel engines. Development of new
engines with optimal performance is cost and time intensive. Modeling and computer simulations are
found to be prominent tools for arriving at the optimum designs. Though, there are various models such
thermodynamics and fluid dynamics based models available, phenomenological or thermodynamic
models are attractive in the light of less computational complexities involved. These models can be made
more attractive by imposing all possible practical conditions the diesel engine experiences and to predict
performance near to actual cycle simulations. Typical direct injection diesel engine combustion process
comprises of four phases viz; ignition delay, pre-mixed, diffusion and late burning. Abu-Nada et al.,
(2007, 2010, 2008) carried out engine simulations taking into account the effect of heat transfer, friction,
and temperature dependent specific heats on the overall engine performance. Miyamoto et al., (1985) the
model was originally developed for spark ignition (SI) engines; they claimed that it could be extended and
modified to simulate compression ignition (CI) engines as well. This results in a significant shift in the
rate of heat release model from the simple Weibe function commonly used for Sl engines. A double peak
heat release model becomes more representative Cl engines (Ghojel JI, 2010). Arregle et al., (2003)
studied the influence of injection parameters and running conditions on heat release in a diesel engine.
Galindo et al., (2005) used four different Weibe functions to account for pilot injection, premixed,
diffusion and late combustion in the heat release model. Chemla et al., (2007) used a zero-dimensional
rate of heat release model for the simulation of direct injection diesel engine. Aithal (2008) studied effect
of EGR fraction on diesel engine performance considering heat loss and temperature dependent properties
of the working fluid. The objective of the present work is to analyze the performance of a typical diesel
engine using a phenomenological-thermodynamics based model considering double-Weibe function for
diesel fuel consumption. Thermodynamic equations have been executed on MS Excel platform and
modelling is done and the important engine in-cylinder characteristics are predicted by varying fuel
injection timing, engine speed, inlet charge pressure and exhaust gas recirculation (EGR).
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Thermodynamic Processes: Governing Equations and Assumptions

The formulation ignores the effect of pressure waves inside the control volumes and treats the gases as a
homogeneous mixture of ideal gases which is assumed to be at a uniform temperature and pressure at
each instant in time. Therefore, the instantaneous state of the mixture is dependent on the temperature, T,
pressure, P, and equivalence ratio, ¢. Moreover, the mass flows across the boundary of the combustion
chamber, during the period when the intake and exhaust valves are closed, are assumed to be limited to
the fuel injection. In addition, the injected fuel is assumed to instantaneously evaporate.

For a closed system, the first law of thermodynamics is written as

XRQ—W =dU )
By using the definition of work, the first law can be expressed as
Xy, — Ry — PAV =dU 2
For an ideal gas the equation of state is expressed as
PV =mR,T, (3)
By differentiating Eq. (3), the following equation is obtained
PdV +VdP = mR,dT, )
Also, for an ideal gas the change in internal energy is expressed as
du =d(mC,T,) ©)
Using the chain rule of differentiation, Eq. (5) is rearranged as
mR,T, = {%}(du -mT,dC,)

Y (6)

By substituting Eg. (6) into Eq. (4) and solving for the change in internal energy

du = &(pdv +Vdp) +mT,dC,
R
¢ (7)
Also, by substituting Eq. (7) into Eq. (1), the first law is written as
Ry, —Myoss — PAV = %(Pdv +VdP) + ngdCV

9 8
Dividing Eq. (8) by do

R Ross_pdV _C, [pd_V+Vd_Pj+mT dc,

d¢ d¢ do R,\ do  do ? do ©
Expressing the gradient of the specific heat as

dC, dC, d_k

do dk dé@ (10)
Noting that

R

S =-k-1

C. (11)

Plugging Eg. (11) into Eqg. (10), then the gradient of the specific heat is expressed as
dC, R, dk

\

do  (k-1)?do 12)
Substituting Eq. (12) into Eq. (9), the final form of the governing equation is
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%_ k_l inn _dQIoss _kEd_V_i_i%
do9 Vv \do do V do k-1do@

Qloss

(13)
In Eq. (13), the rate of heat loss

d 1

R _paey(r, -7,

do 10} (14)

The convective heat transfer coefficient is given by the Woschni model as (1988)

h — 3.26D—0.2 F)O.S-I-g —0.55WO.8

The velocity of the burned gas and is given as:

1 VdTgr
w(0) =2.28U , +C, (p®-p,)
p.V; (16)
The quantities Vr, Tgr, and Pr are reference state properties at closing of inlet valve and Pm is the
pressure at same position to obtain pressure without combustion (pressure values in cranking). The value
of Cl1 is given as: for compression process: C1=0 and for combustion and expansion processes:

is expressed as

(15)

C1=0.00324. The Uy average piston speed is calculated from
—  2NS

U
60 (17)
dQ,

The rate of the heat input d—g‘” (heat release) can be modelled using a dual Weibe function (Ferguson

and Kirkpatrick, 2001). Initially, the ‘‘pre-mixed combustion’” is considered to consume most of the
evaporated fuel present in the combustion chamber at the end of the ignition delay period. The
combustion process is then assumed to continue in the ‘diffusion controlled mode’” only. A B term is
introduced by Watson et al., [No date] to quantify the portion of the fuel consumed in the ‘‘pre-mixed’’
burning mode. The burning factor depends on the length of the ignition delay period and the overall
equivalent ratio prior to ignition, ¢. The fraction of fuel £ which burns in premixed phase has been

correlated by the relation
ag’

Tidc (18)
Where ¢ is the fuel/air equivalence ratio, z;, the ignition delay (in milliseconds), and a~=0.9,b ~0.35

and C~ 0.4 are the constants depending on engine design.

0 (%) ()" a2 |
do o, ) *le, 0,
S(a) ol 2]
0, ) ‘o P 0
d d d (19)

Where p and d refer to premixed and diffusion phases of combustion. The parameters 0p and 0d represent
the duration of the premixed and diffusion combustion phases. Also, Qp and Qd represent the integrated
energy release for premixed and diffusion phases respectively. The constants a, mp, md are selected to
match experimental data. For the current study, these values are selected as 6.9, 4, and 1.5 respectively
(Aithal, 2008). It is assumed that the total heat input to the cylinder by combustion for one cycle is
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Qi =m¢LHV (20)

Ignition Delay is estimated once per engine cycle using empirical formulation developed by Hardenberg
and Hase [13]. The ignition delay, 1D, is dependent on the fuel properties along with the mixture pressure,
temperature and equivalence ratio.
Equation for ignition delay (in crank angle degrees) in terms of charge temperature T (Kelvin) and
pressure p (bar) during the delay is

0.63
_ 1 1 21.2
7,4 (CA) = (0'36 +0.22U p )eXp{EA(ﬁ B 17 190)( p-12 4) J
: ' (21)

Eq. (13) is discredited using a first order finite difference method to solve for the pressure at each crank
angle (0). Once the pressure is calculated, the temperature of the gases in the cylinder can be calculated
using the equation of state as:

POV (6)
K
™ (22)
The instantaneous cylinder volume, area, and displacement are given as [14]:
2
V@)=V, + D X(6)
4 (23)
2
A (0) = D +£S(R +1—-cos(8) + (R* —sin?(#))"'?)
4 2 (24)
X(8) = (A +R) — (Rcos(8) + (A* —sin*(6))"'?) (25)

Equation describing the variation of air specific heats for the temperature range 300-3500 K is adopted
(Aithal, 2008). The equation is based on the assumption that air is an ideal gas mixture containing 78.1%

N2, 20.95% 02, 0.92% Ar, and 0.03% CO2 (on mole basis)
C, =2.506x10™T * +1.454x10'T,~* —4.246x10'T, +3.162x107°T *° +

1.3303-1.512x10"T, ™ +3.063x10°T,* —2.212x10'T,

It is found from Eq. (26) that specific heat at constant pressure increases with temperature from about 1.0
kJ/kg- K at 300 K to about 1.3 kJ/kg K at 3000 K and such difference should be taken into consideration.
Similarly, the specific heat ratio, k, decreases from 1.40 to about 1.28 within the same temperature range.
Engine Specifications

In the present project work, four stroke direct injection single cylinder diesel engine is used for the
simulation purpose. The specification of the baseline engine used is as follows

(26)

Table

Fuel C s Haigr
Cetane number 45

Lower heating value (kJ/m°) 42.8x10°
Molecular weight 148.6
Stoichiometric air fuel ratio 14.36
Compression ratio 16.5
Cylinder bore (m) 0.110
Stroke (m) 0.08
Connecting rod length (m) 0.22
Number of cylinders 1
Clearance volume (m°) 0.3567x10 "
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Swept volume (m°) 5.5292x10 "
Engine speed (rpm) 1000-5000
Inlet pressure (bar) 1
Equivalence ratio 0.6
Injection timing —24° to —8°
Duration of combustion 70°

Wall temperature (K) 400

RESULTS AND DISCUSSION
Modelling of diesel engine processes has been done using dual Weibe function for the combustion. In-
cylinder pressures and temperatures and pressures, heat release patterns are predicted as functions of the
crank angle, variation of premixed, diffusion, heat release pattern by varying the engine operating and
design parameters. The characteristics evaluated are plotted and discussed
Heat Release Pattern
Figure 1 illustrates the variation of heat release patterns of the chosen engine at 1500rpm and ¢=0.6 for a
fuel injection 8o before TDC. The three phases of combustion namely, premixed combustion phase,
diffusion controlled combustion phase and late combustion phase are obtained. The predicted combustion
phases are in good agreement with the Lyn and Ways model (Heywood, 1988).
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Figure 1: Rate of heat release with crank angle at 1500rpm and ¢=0.6.
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Figure 2: Variation of in-cylinder pressure with cylinder volume at 1500rpm and ¢=0.6
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The important feature of any prime mover can be represented with indicator diagram or p-v diagram as
they are enclosed represents work obtained from the engine under given conditions. Heat release pattern
predicted has been used to obtain the in-cylinder pressure variation with cylinder volume at any instant of
time. Figure 2 represents the in-cylinder pressure variation with the cylinder volume. The pressure
reaches a maximum value of 81 bar for the engine running at 1500rpm and ¢=0.6.

In-Cylinder Pressure and Temperatures with Crank Angle

The predicted heat release model is further utilized to predict the in-cylinder pressures. Figure3 depicts
the deviation of combustion curve from the motoring curve for engine running at 1500rpm and ¢=0.6.
The in-cylinder pressure reaches a higher value of 81 bar. The ignition is assumed to occur at the 352
crank angle degree where the combustion curve deviates from the motoring curve. It can also be observed
that the peak pressure occurs very near to TDC.
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Figure 3: Variation of in-cylinder pressure curves with crank angle at 1500rpm and ¢=0.6.

The heat release model also used to predict in-cylinder temperature using in-cylinder pressure. Figure4
represents the in-cylinder temperature variation with crank angle for a diesel engine running at 1500rpm

and ¢=0.6. The temperatures reach a maximum value of 1900K.
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Figure 4: Variation of in-cylinder temperature with crank angle at 1500rpm and ¢=0.6.

Rate of Heat Loss with Crank Angle

The developed model takes into account the heat losses in the engine cylinder due to heat transfer through
convection. Heat transfer not only affects the efficiency of the engine but also its performance and
emissions. A major portion of heat is lost through convection from the cylinder mixture to the piston top,
cylinder walls and cylinder head. For higher equivalence ratios, the heat losses are higher, thereby by
decreasing the thermal efficiency. The heat transfer rate takes place from the cylinder mixture to the
piston top, cylinder walls and cylinder head. Figure5 shows the heat lost due to convection in the diesel

engine running at 1500 rpm and ¢=0.6
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Figure 5: Rate of heat lost through convection with crank angle at 1500rpm and ¢=0.6

Effect of Injection Timing on Engine In-Cylinder Pressures and Temperatures

An important factor affecting the engine performance is SOI (start of injection). As the injection timing
advances, premixed combustion is observed to be increased with a little effect on diffusion controlled
combustion. With advanced injection timings, most of the heat release takes place before the piston
reaches TDC whereas in late injection timings, heat release continues to takes place even after TDC as
shown in Figure 6. Increased levels of pressures and temperatures are observed for early injection
timings. This can be attributed to the fact that due to more time available for compression of the gases
resulting in near complete combustion.
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Figure 6: Comparison of in-cylinder pressures at different injection timings at 1500rpm and ¢=0.6.
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Figure 7: Comparison of in-cylinder temperatures with different injection timings at 1500rpm and

¢=0.6
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Therefore, with early injection timings that increased levels of pressures and temperatures are obtained
with peak values are occurring earlier and shifting towards left.

Also, with early injection, the heat lost through convection has decreased due to more time available for
conversion of chemical energy to heat energy; the trends are shown in Figure 8.
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Figure 8: Rate of heat release with crank angle for different injection timings for diesel engine
running at 1500rpm and ¢=0.6

Effect of Variation of Equivalence Ratio on Heat Release Patterns

As the conventional diesel engines are quality governed engines, to vary the load or speed, the quantity of
fuel to be injection will be varied, there by varying the quality of mixture. The varying air-to fuel ratios is
a representative of load variation. Therefore, equivalence ratios have been changed from 0.5-0.7 and are
used as a metaphor to show the variation of load on the engine. Figure 9 represents heat release rate for
different equivalence ratios for a diesel engine running at 1500rpm for three equivalence ratios. For
higher equivalence ratio more fuel is burned in the cylinder and therefore more heat is released that leads
to higher gas temperatures and pressures. However, higher equivalence ratio has adverse effect on the
thermal efficiency where values greater than unity corresponds to lower levels of thermal efficiency.
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Figure 9: Rate of heat release with varying equivalence ratios at 1500rpm

Effect of Variation of Equivalence Ratio on In-Cylinder Pressure and Temperatures

By varying the equivalence ratio from 0.5-0.7, the in-cylinder pressure and temperatures are predicted. It
can be concluded that for higher the equivalence ratio, more heat is released which in turn leads to
boosted levels of in-cylinder pressures. The trends are shown in Figures10 and 11. Also, high equivalence
ratio is allowed to achieve high values of BMEP. But this increase in equivalence ratio takes a toll on
thermal efficiency of the engine.
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Figure 10: Comparison of in-cylinder pressures with crank angle at 1500rpm
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Figure 11: Comparison of in-cylinder temperatures with crank angle at 1500rpm

Effect of Variation of Engine Speed on In-Cylinder Pressure and Temperatures

To study the effect of engine speed, it has been varied from 1000-5000 rpm keeping ¢=0.6 and the
variation in pressures and temperatures have been studied. It is observed that an increase in engine speed
increases in-cylinder pressure and temperature. From the Figures 12 and 13, it can be observed that
increase in engine speed has little time for exchange of heat with cylinder walls resulting in reduced heat
losses and finally yielding higher in-cylinder temperatures. Although, it can be noted that BMEP and
efficiencies are more sensitive to equivalence ratios than to engine speeds.
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Figure 12: Comparison of in-cylinder pressures with crank angle at ¢=0.6
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Figure 13: Comparison of in-cylinder temperatures with crank angle at ¢=0.6

The above figures show that there is a significant rise in pressures and temperatures with an increase in
engine speed. Also, it can be also observed that the effect of equivalent ratio is dominant over that of the
engine speed. However, the increased values of equivalence has led to higher values of BMEP as shown
in Figure 14.

It is, from the figure, obvious that gas temperature increases with increasing speed. However the rate of
increase in the gas temperature is higher at lower speeds mostly below 2000rpm than at high speeds. But
gas temperatures are observed to be more sensitive to equivalence ratio than Engine speed.
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Figure 14: Variation of BMEP with engine speed and varying equivalence ratios

It can be observed that temperature effect of equivalence ratio is dominant over engine speed. To achieve
higher values of BMEP, higher equivalence ratios are needed to be taken. However, higher values of
equivalence ratios decrease the thermal efficiency of the engine. Because, an increase in heat addition
takes place with higher values of ¢ which further increases the heat losses from the cylinder due to higher
temperatures.

As the engine speed increases, the rate of heat lost through convection decreases as the time lapsed for the
heat transfer between engine walls and gas mixture decreases.

Effect of Variation of Inlet Pressure on In-Cylinder Temperatures and Pressures

In the study, the inlet pressure has been increased from 1-1.2 bar and the performance of engine is
studied. This has been done to impose the effects of supercharging or turbocharging. This is due to the
fact that as the pressure increases, the charge density increases and the corresponding charge temperatures
would also increases, making favourable conditions for the combustion of fuel and also with reduced
fraction of fuel burned during pre-mixed combustion phase.
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Figure 15: Rate of heat release with crank angle for changing inlet pressures at 1500rpm and ¢=0.6

As the inlet pressure increases, the mass intake increases, increasing the air density available for burning
the fuel. Naturally heat release rate increases. With increase in inlet air pressure, the cylinder temperatures
will increase, and temperature difference between cylinder charge and walls will increase that to
convection heat transfer coefficient increases, resulting in higher amount of heat loss to cylinder walls.
Inlet pressure increases the in-cylinder pressures and temperatures. Rate of heat lost through convection
also increases with supercharging or turbocharging. With the higher manifold pressure, the density of
charged air becomes higher, fuel injection spray atomization improves due to timely burning of smaller
droplet size fuel lowers SFC and increases pmax. This can be further reasoned out that with drop in
fraction of fuel burned during pre-mixed phase, lowered the heat release in pre-mixed case. However, this
drop has not shown significant effect on in-cylinder pressures probably maintaining higher engine work
and finally leading to lower SFC and better efficiency with increase boost pressure.
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Figure 16: Variation of in-cylinder pressures with crank angle at 1500rpm and ¢=0.6
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Figure 17: Variation of in-cylinder temperatures with crank angle at 1500rpm and ¢=0.6
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Effect of Variation of EGR Fraction on In-Cylinder Heat Release Patterns

Generally, diesel engines work with high compression ratios and due to this the engine pressures and
temperatures would be high. The prevalence of high cycle pressures and temperatures lead to dissociation
of products of combustion. The most prominent being N2 and O2.Dissociation of these two species results
in the formation of oxides of nitrogen which are very harmful. Recirculation of exhaust gas, called as
exhaust gas recirculation (EGR) has been popular technique to combat these harmful gases. By increasing
the EGR fraction ignition delay decreases both in terms of crank angle degrees and milli seconds, which
causes decreases in the fraction of fuel burned in pre mixed combustion. EGR also reduces the mixture-
averaged ratio of specific heats (k) of the combustion charge, pressure, temperature leading to a reduction
in the thermodynamic cycle efficiency. By increasing the EGR fraction heat release in both premixed and
diffusion combustion phase reduces.
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Figure 18: Rate of heat release with crank angle at 1500rpm and ¢=0.6

Effect of Variation of EGR Fraction on In-Cylinder Heat Release Patterns

The beneficial effects of EGR on NOx mitigation come at a cost. The overall increase in the specific heat
capacity of the mixture due to EGR dilution results in a reduction in the ratio of specific heats (k), of the
combustion mixture. This reduction in the mixture-averaged value of k reduces the thermodynamic cycle
efficiency and hence the useful work output of the diesel cycle. There is a reduction in pressure and
temperature levels as the EGR fraction increases.
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Figure 19: Variation of pressures with crank angle at 1500rpm and ¢=0.6
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Figure 20: Variation of temperatures with crank angle at 1500rpm and ¢=0.6

Conclusions

Based on the computational studies in predicting the performance of diesel engine, the following
conclusions are drawn:

o As the fuel injection timing advances, ignition delay increases both in crank angle and milliseconds.
This increases the heat released in the premixed stage with almost negligible effect on diffusion stage.
Higher levels of pressures and temperatures are achieved with advanced injection timings.

e Equivalence ratio has a dominant effect on the rise in peak pressures and temperatures than the rise in
peak pressures and temperatures with engine speed. Also, it was found that BMEP is more sensitive to
equivalence ratio than to engine speed. Higher values of equivalence ratio lead to lower thermal
efficiency even an increase in the value of BMEP was revealed.

o As engine speed increases, ignition delay decreases in milliseconds. This causes drop in the premixed
combustion peak and rise in diffusion phase. Heat losses decrease as the engine speed increases as the
time lapsed for the heat transfer between cylinder walls and piston decreases. As a result thermal
efficiency increases as the engine speed increases.

o Ignition delay decreases as the inlet pressure increases in milliseconds. By increasing the inlet air
pressure higher pressures are developed inside the cylinder.

¢ As the EGR fraction sent into the inlet manifold increases, heat input, pressure, temperature, adiabatic
flame temperature, and efficiency will decrease. Increase in EGR fraction would reduce the formation of
NOx emissions and increase the formation of soot emissions.
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